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Abstract

A vibration absorber combining the acoustical black hole (ABH) effect with vibro-impacts
is presented as a separate device that can be mounted on a primary structure for passive
vibration mitigation. The vibration isolator is shown to be effective for low-frequency shock
vibration attenuation. Numerical and experimental results are reported, considering a rect-
angular honeycomb plate as the primary structure, on which the device, consisting of a
circular ABH plate with one or several impact masses, is attached. A numerical model is
developed using a finite element space discretisation combined with a conservative scheme in
a penalty approach for the contact dynamics. The analysis shows that the device has broad-
band efficiency thanks to the combined effects of energy transfer due to impacts and high
attenuation in mid and high-frequency range due to the ABH effect. A detailed parametric
study underlines that the tuning of the linear fundamental frequency of the impact mass
plays an important role. Besides, considering several impact masses is shown to improve
the efficacy. An experimental setup is then used in order to demonstrate the effectiveness of
the device. The results confirm the vibration mitigation trends obtained from the numerical
model that could then be used as a designed tool for the attenuator. Finally, an analysis
based on the Shock Response Spectrum (SRS), widely used in the field of aerospace engi-
neering, is performed, underlining the attenuator is able to reduce rapidly and efficiently the
vibrations due to a mechanical shock.
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1. Introduction

The effective control of unwanted vibration in a passive manner using vibration absorbers
that can act with broadband efficacy, has been a subject of special concern in many fields of
engineering. Since the pioneering work of den Hartog and the advent of the tuned vibration
absorber [1], enlarging the efficacy of an absorber in order to extend its frequency range has
been of concern, and numerous different strategies have been proposed, using for example
an essential nonlinearity in order to create a nonlinear energy sink (NES) [2–4], impact
dampers [5] or friction dampers [6], nonlinear tuned vibration absorber [7, 8], negative linear
stiffness [9] or combinations of multiple effects including magnetic forces or piezoelectric
shunts [10–15].

Concomitantly, a growing interest emerged in passive techniques using a tapered profile
of the host structure in order to create the so-called Acoustic Black Hole effect (ABH). From
the pioneering works [16, 17], a large body of literature has been devoted to unfolding the
principle of the method, based on the decrease of the wave velocity in the tapered area,
leading to an important localization of vibration energy. Combined with increased absorp-
tion in the same region provided e.g. by an added viscoelastic layer, ABH can be viewed
as an anechoic structural termination localized at the boundary. Numerous characterization
of the phenomenon have been reported both theoretically and experimentally, underlining
the impressive efficacy of the vibration mitigation in the mid- and high-frequency range, see
e.g. [18–21] for characterization of damping properties, [22–24] for numerical optimizations
of the effect, [25, 26]for analytical illustrations, [27–30] for experimental demonstrations,
and [31, 32] for recent surveys. With regard to ABH effects, recent developments consider
for example wave manipulations and investigation of band gaps [33–35], energy harvest-
ing [36–38], innovative geometrical designs including folds or rings [39–43], inclusions in
metamaterials [44, 45], added effects due to negative stiffness [46], and creation of the effect
by an added electrical circuit creating a virtual acoustic black hole [47].

A known limitation of the acoustic black hole effect is linked to the existence of a cut-on
frequency, below which the efficiency severely decreases. The cut-on frequency has been
defined using various approaches, based on geometrical considerations [48, 49], following a
phase point of view [50] from the analysis of dispersion relations [25], or in terms of local-
ization [51]. In order to bypass this limitation, the intentional use of nonlinearity has been
proposed in order to achieve energy transfer and consequently improve the low-frequency
efficacy. The geometric nonlinearity, that is in any case excited given the terminal thick-
ness of ABH design, has been specifically used in [52]. The use of contact nonlinearity has
then been numerically investigated in [53, 54], in order to create a so-called Vibro-Impact
ABH (VI-ABH). Experimental demonstrations have been highlighted in [55]. Other designs
involving additional linear and/or nonlinear vibration absorbers have also been numerically
studied in [56], whereas an electrical circuit is appended to the ABH in [57] to create the
nonlinearity.

In most of the studies, the tapered region that defines the ABH is embedded inside the
primary structure and viewed either as an anechoic termination or an interior zone where
the vibrational energy is localized and damped out. This configuration provides a suitable
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coupling between the black hole region acting as an absorber and the region outside it.
More recently in the ABH litterature, it has been proposed to use the ABH effect in an
external device that can be appended to the primary structure as a vibration absorber. For
example, an ABH beam is installed on a primary structure in [58, 59], a circular plate with
varying thickness is considered in [60, 61], while ABH pillars are added to a beam in [62].
Leveraging on this idea, we propose here a vibration absorber based on the VI-ABH concept,
which combines ABH effect with impact nonlinearity in order to enhance its low-frequency
behaviour, that can be attached to a primary structure for vibration mitigation. The device
is first presented and numerically investigated in order to highlight the most important design
parameters. A primary structure consisting of a honeycomb panel, is used numerically and
experimentally in order to demonstrate the efficacy of the absorber. This structure has been
selected for its large dimensions, its complicated interior design with the honeycomb, its
intrinsic small structural damping, as well as for space applications where the passive control
of lightly damped complicated panels is of prime importance. A special emphasis is put on
the passive control of the response to shock. To demonstrate the efficiency of the vibration
absorber in such a context, shock response spectrum (SRS) is defined and used. Such SRS
analysis is very widely used in the field of aerospace engineering, with the ability to provide
a comprehensive view of the highest accelerations over a broadband frequency range, and is
thus a convenient indicator to estimate the harm of spacecraft structure under shocks. These
shocks are often generated by pyrotechnic sources and anti-vibration protection against these
broadband sources is difficult to design, particularly in a context where mass additions are
very limited.

2. Modeling and design of the VI-ABH absorber

This section is devoted to the presentation of the vibration absorber, its numerical mod-
eling as well as a parametric study in order to assess its efficacy and find the most critical
design parameters.

2.1. Presentation of the absorber

The vibration absorber is composed of a circular plate with varying thickness imple-
menting the ABH effect, together with an impact mass m that is connected to the center of
the circular ABH by a slender beam. Fig. 1(a) shows a schematic view of the absorber in
grey, mounted on a primary structure in magenta, while Fig. 1(b) depicts a picture of the
experimental device that is detailed in Section 3. All applications considered in this article
use a honeycomb panel with length L and width b as a hosting structure. The device is
attached to the primary structure at location (xa, ya). Fig. 1 shows one impact mass, but up
to three added impactors will be considered in the developments. Considering the slender
beam mainly oscillates around its fundamental mode, the resulting impact device can be
seen as a single-degree-of-freedom oscillator with mass m and stiffness k. The vibro-impacts
on the ABH occur at xc.

The vibration absorber takes over the principal characteristics of the VI-ABH defined
and studied in [53–55], with the main difference that the same working principles are now
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Fig. 1. VI-ABH vibration absorber. (a) Schematic view representing the absorber in grey, coupled
to a primary structure in magenta. Important geometrical parameters defining the absorber and
the primary structure are reported in the figure. The primary structure is a honeycomb panel with
hp1 the thickness of the layers and hp2 the thickness of the core. The VI-ABH absorber is located
at xa, the size of the ABH region is rABH , with h0 initial thickness, ht terminal thickness, hl and
hc the thickness of the viscoelastic layers. The vibro-impact is characterized by its mass m and the
stiffness of the arm k. (b) Picture of the device mounted at one corner of a honeycomb panel.

integrated on an external device that can be mounted directly on a primary structure at
a given location. It is thus awaited to recover the same qualities of the VI-ABH, which
combines the efficiency of the ABH effect in the mid and high-frequency range, to a sharp
and rapid energy transfer provided by the impacts. As an additional gain, the device is
now more versatile and can be integrated easily to any host structure to passively damp
out its vibrations. In order to understand and predict the main design parameters of the
device, a numerical model is first developed in the next Section. Key design parameters
appear obviously as being the tuning of the oscillation frequency of the impactors (through
the mass m and stiffness k of the arm), the mobility and the gaps in between the different
parts.

2.2. Modeling of the coupled system

The mechanical systems to be modelled, is composed of the primary structure (honey-
comb panel), the vibration absorber which is a circular plate with varying thickness rigidly
attached to the primary structure, and the impacting mass that is assumed to be correctly
represented by a single oscillator equation with mass m and stiffness k. A 3D elastic fi-
nite element method (Structural mechanics COMSOL package) is used in order to space
discretize the problem and to provide the modal parameters: eigenfrequencies ωj and mode
shapes ϕj(x), where x represents space, and modal damping ratios ξj are introduced via
the imaginary part of the Young modulus. All the geometrical and material parameters
are given in Tab. 1. From the FEM, a semi-discrete model is built based on the modal
equations on which the added effects are integrated as: (i) the external excitation force with
frequency content p(t) and pointwise input location at xF , (ii) the vibro-impact oscillator
with stiffness k and mass m with a contact force acting at point xc and time content f(t).
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The displacement field of the coupled system is denoted as u(x, t), and is decomposed along
the eigenmodes ϕj(x) following

u(x, t) =
Nm∑
j=1

ϕj(x)qj(t), (1)

where qj(t) is the modal coordinate associated to mode j, and Nm is the total number of
modes selected in the expansion. The eigenmodes are classically normalized with respect to
mass. Let ua = u(xa, t) denote the displacement of the plate at the point where the absorber
is located, and let v(t) represent the temporal displacement of the impacting mass m. Then
the equations of the coupled system and the impacting mass in the modal space read

q̈j + 2ξjωj q̇j + ω2
j qj = p(t)ϕj (xF )− fϕj (xc)− k(ua − v)ϕj (xa) , (2a)

mv̈ = k(ua − v) + f. (2b)

The contact force f(t) is modeled following a penalty approach with a Hertz-like law [53,
63]:

f(t) = kc [uc(t)− v(t) + g]α+ , (3)

where kc represents the contact stiffness and α the power-law dependence, [·]+ represents
the positive part that is computed for the interpenetration η defined here as η = uc − v+ g,
where uc = u(xc, t) is the structural displacement at the contact point and g is an initial
gap that is set for the system at rest and represents the distance between the ABH circular
plate and the impacting mass m in static position.

The ordinary differential equations of motion in modal space Eqs. (2) are then solved
numerically. A special attention is devoted to dealing with the contact force, and a con-
servative scheme, designed to handle the penalty approach in modal space and derived
in [63], is used. Let us conclude this section by giving the discrete equations that are
solved at each time step for the time-marching scheme. To that purpose, the matrices
SF = [ϕ1 (xF ) , ϕ2 (xF ) , · · · , ϕNm (xF )], Sc = [ϕ1 (xc) , ϕ2 (xc) , · · · , ϕNm (xc)], and Sa =
[ϕ1 (xa) , ϕ2 (xa) , · · · , ϕNm (xa)], defined as the modal components of the first Nm modes
computed at locations xF , xc and xa, are introduced. Thanks to Eq. (1), one writes easily
the needed spatial displacements as

u (xi, n∆t) = Siq
n, for i = F, c, a, (4)

where the vector of nodal coordinates qn at time n is used as

qn = [q1 (n∆t), q2 (n∆t), · · · , qNm (n∆t)]T . (5)
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For each time step n, the equation of motion for the system in Eq. (2) can be rewritten as:

qn+1 = Cqn − C̃qn−1 +∆t2
[
ST
Fp

n − ST
c f

n − kST
a (Saq

n − vn)
]
,

mv̈ = kST
a (Saq

n − vn) + f,
(6)

where pn and fn are respectively the external and contact forces computed at time n. C
and C̃ are two diagonal matrices, whose entries are

Cjj = e−ωjξj∆t
(
eωj

√
ξ2j−1∆t + e−ωj

√
ξ2j−1∆t

)
, C̃jj=e

−2ωjξj∆t. (7)

The contact force is computed via

fn =
ψ(ηn+1)− ψ(ηn−1)

ηn+1 − ηn−1
, (8)

where the potential function describing the contact has been introduced as ψ(x, t) = kc
α+1

[η]α+1
+ .

Thanks to the properties described in [63] and used for instance in [53], this choice of nu-
merical scheme ensures that a discrete energy is conserved, providing interesting stability
features for the numerical method. As for the vibro-impact parameters, they have been set
to kc = 1011N/m1.5 and α = 1.5, in order to ensure the rigidity of the contact, following
previous studies [53, 54].

As a summary, the model is built upon the use of the FEM in order to derive the modal
characteristics of the coupled system, from which the eigenfrequencies ωk and the projection
matrices Sa, Sc, SF allowing one to go from physical space to modal space, are retrieved.
The equations of motion are integrated in time using a time-marching conservative scheme
that needs a Newton-Raphson procedure at each time step to solve the nonlinear equation.

2.3. Numerical Results and design rules

In this section, the performances of the proposed VI-ABH absorber are evaluated nu-
merically, with the aim of performing a detailed parametric study to reveal the most salient
features for an effective design. In order to carry out the analysis, the geometric and ma-
terial parameters of the system are listed in Tab. 1, where the first column accounts for
the geometric parameters (also given in Fig. 1(a)), and the second column is the material
parameters. The primary structure is a honeycomb panel made of aluminium, with length
L=800 mm, width b=600 mm, and total thickness 2hp1+hp2=20 mm, including the thickness
of the core hp2 and the thickness of both skin panels hp1. The material parameters for the
panel are referred to with a subscript ’p’ in Tab. 1, including Young modulus Ep, material
density ρp, loss factor ηp and Poisson ratio vp. The circular ABH absorber is defined by its
geometrical parameters rf , hf , r0, rabh, h0, ht, and material characteristics with subscript
’abh’. It is attached to the corner of the host panel with coordinate [xa, ya] = [20, 20] mm.
Finally, the added layers coated to the ABH are defined by their radius rl. The visco-elastic
damping layer is of thickness hl with material characteristics denoted with the subscript ’l’,
and the constraint layer is of thickness hc with material characteristics with subscript by ’c’.
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Besides, for all the numerical simulations later on, the sampling frequency is selected as
fs = 160kHz and the time signals are calculated up to 10s. The number of modes Nm is set
to 150, covering a frequency range from f1 = 166 Hz to f150 = 8.5 kHz.

Tab. 1: List of parameters used in the numerical simulation

Geometric Parameters value Material Parameters value
L 800 mm Ep 70 Gpa
b 600 mm ρp 2700 kg/m3

hp1 1.5 mm ηp 0.012
hp2 17 mm vp 0.3
rf 5 mm Eabh 70 Gpa
hf 5 mm ρabh 2700 kg/m3

r0 20 mm ηabh 0.012
rabh 60 mm vabh 0.3
h0 4 mm El 7 Mpa
ht 0.2 mm ρl 1000 kg/m3

hl 0.2 mm ηl 0.4
hc 0.07 mm vl 0.3
rl 30 mm Ec 270 Gpa
ri 40 mm ρc 1143 kg/m3

[xa, ya] [20, 20] mm ηc 0.012

2.3.1. Finite element analysis for the linear characteristics

The linear eigenmodes of the coupled system are calculated using a finite element ap-
proach. Fig. 2(a) shows the mesh used for the computations. The complete system has been
discretised using 3D elements, with particular attention to the tapered region of the ABH ab-
sorber, as well as its complex coupling with the host panel. The primary structure is treated
using the Reissner theory, where an equivalent thickness, mass ratio and Young modulus
are given to model the honeycomb panel as an equivalent rectangular plate. Convergence
studies have been performed in order to ensure the reliability of the numerical model by
checking the accuracy of the computed eigenfrequencies up to 10 kHz. As a result of this
analysis, a refined mesh containing 226283 degrees of freedom (dofs), has been selected. Two
different analyses have been processed. The first one is for the VI-ABH absorber alone, in
order to understand its linear characteristics, reported in Fig. 2(b). Then the eigenmodes
of the coupled system have been computed and reported in Fig. 2(c). In each of these two
figures, the modal damping ratios are reported as a function of the eigenfrequencies, and
some of the mode shapes are inserted in the plot. Structural damping has been taken into
account in the FE analysis by introducing a complex Young modulus E∗

i = Ei(1+ jηi), ∀i =
’p’, ’abh’, ’l’, ’c’, following the properties Ei and ηi shown in Tab. 1.
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Fig. 2. Linear characteristics of the system, (a): Finite element model for the VI-ABH absorber
alone and mounted on the honeycomb panel, (b): Eigenmode analysis for the VI-ABH alone,
showing the modal damping ratio as a function of the eigenfrequencies, (c): Eigenmode analysis
for the coupled system VI-ABH absorber + primary system.

In Fig. 2(b), the modes of the VI-ABH absorber have been grouped into three different
types according to the number of nodal diameters of the eigenmode shapes. This grouping
is meaningful since the representation of the modal damping ratio as a function of the
eigenfrequencies makes clearly appear different branches of solutions that are more or less
damped. Note that, due to the thickness decreasing, the nodal diameters are close to the
edge of the circular plate. Modes with one nodal diameter are marked with pink triangles
and can be distinguished from the modes without nodal diameters (blue triangles) and two
nodal diameters (cyan triangles) by clearly inspecting the pattern at the edge.

The modes having the highest damping capacities are marked with blue triangles and

8



have no nodal diameter. They correspond to vibration modes where the energy is trapped
in the ABH region and can be classified as hyper-damped modes. On the other hand, pink
and cyan triangles represent modes having respectively one and two nodal diameters. Since
involving also non-negligible vibrations of regions in the center of the circular plate, they are
less damped. One can also observe that the first ABH mode involving localized vibrations
is the one at 554 Hz. It is thus assumed that the cut-on frequency for this ABH design is
around 500 Hz such that the ABH effect reaches its most efficiency for frequencies higher
than 500 Hz. In the remainder of the analysis, we will thus refer to the low-frequency range
as the frequencies that are below 500 Hz, while f > 500Hz will correspond to the high-
frequency range. Based on this knowledge of the linear behaviour of the ABH, the impact
mass will be added to the system in order to enhance vibration mitigation by transferring
energy from the low to the high-frequency range.

Fig. 2(c) displays the eigenmodes of the coupled system, where the modal damping ratios
are ranging in a large interval from 0.6% to 5%. Importantly, different solution branches
can be highlighted, revealing different damping characteristics linked to specific vibratory
features. In order to assess this more quantitatively, a coupling factor R is introduced and
defined as:

R = Eabh/Etot, (9)

where Eabh is the kinetic energy in the ABH region and Etot is the total kinetic energy. From
this definition, the coupling factor R simply describes to what extent the vibration energy
at a given mode is localized into the VI-ABH absorber, or more spatially distributed to the
primary structure. Without loss of generality, three different mode families are defined and
grouped according to the value of R. The first family corresponds to highly localized modes
with R > 0.9 and are represented with black triangles in Fig. 2(c). This family contains the
eigenmodes that are the most efficient for vibration damping thanks to the strong activation
of the ABH effect. The second family is represented with green squares and is such that
0.1 < R < 0.9. In this case, the damping of the host panel is improved by the presence
of the absorber, but the coupling is not so efficient and the improvement is less significant.
Finally, the red circles represent the uncoupled modes with R < 0.1. In this last family, the
coupling between the primary structure and the absorber is not efficient and the damping
ratio remains small, with a value that is close to the one given by considering only the
structural losses of the honeycomb panel. Indeed, the damping ratio gives a value of 0.6%
on average, equivalent to a loss factor of about 1.2% given in Tab. 1 for the panel alone.

2.3.2. Evidence of the energy transfer

In the design of the VI-ABH absorber, the aim of the mass m is to repeatedly impact the
circular plate in order to rapidly transfer energy from the low to the high-frequency range
thanks to the nonsmooth contact nonlinearity. This is illustrated in Fig. 3, which shows the
frequency spectrum of the vibration at the point xa, corresponding to the foot point where
the ABH absorber is located. The primary structure is here excited in the low-frequency
range with a white noise restricted in the frequency range [0, 500] Hz, below the cut-on
frequency identified for the VI-ABH absorber. Two cases are shown, one case where the
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vibro-impact is not present such that only the ABH effect (which is not effective in this
frequency band) might damp out the vibration (blue curve); and a second case with a single
mass m for vibro-impacts (red curve). For this simulation, no special care has been devoted
to tune the parameters of the VI that have been set arbitrarily.

With the VI-ABH at hand, two clear distinctive features appear. First, a strong energy
transfer is observed, which importantly contrasts with the case without impacts for frequen-
cies over 500 Hz. Second, and as a consequence of the first point, the energy of the peaks
present in the range [0, 500] Hz, have decreased. In this low-frequency range, three modes
are present, the two prominent peaks corresponding to modes 1 and 3. The decrease of
the vibrational energy in the first mode is the most impressive, with a loss of 10dB for the
maximum. On the other hand, mode 3 is less affected, and mode 2 shows almost no change.

Since this result has been obtained without resorting to any tuning strategy, the next
Section is devoted to a parametric analysis of the VI-ABH absorber main characteristics, in
order to figure out the key parameters for an optimal tuning. The main parameters to be
optimized are the mass m; the stiffness k, the gap g. Also, the case with multiple impact
masses will be considered with different tuning rules in order to achieve the best possible
scenario.
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Fig. 3. Velocity spectrum response of a point selected on the circular plate, for two different cases for
comparison. Blue: linear ABH absorber without impact mass. Red: nonlinear VI-ABH absorber
with a single mass m=10 g. The primary structure is excited with a band-limited white noise in
the frequency range [0, 500] Hz. (a) Response in the range [0, 2500] Hz. (b) Close-up view in the
frequency range of the excitation to better appreciate the decrease of the main peaks.
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2.3.3. Tuning the characteristics of the impactor

In order to evaluate quantitatively the energy transfer and peak reduction brought about
by the vibro-impact, a performance indicator denoted by IΩ is introduced as

IΩ = 10log10

[∫
Ω
P cur
v (ω)dω∫

Ω
P ref
v (ω)dω

]
, (10)

where P cur
v (ω) and P ref

v (ω) accounts for the velocity spectrum of the output velocity v(xF , t)
measured at the excitation point xF , while the superscripts ’cur’ and ’ref’ are used to denote
the current case (with impacts in a configuration under study) which is compared to a
reference case where impacts are not activated (and thus corresponding to the linear ABH
effect only). Ω denotes the frequency range of interest.

The location of the contact point, which also defines the length ri of the vibro-impactor
arm, was optimised on the basis of previous studies carried out by the authors [53–55]. The
choice of ri is a compromise that takes into account the high flexibility required for the VI
effect (implying a long arm) and the possible damage caused by impacts in the fragile area
of the tip (implying a short arm).

The first parameters to be investigated for the tuning of the impactor are the mass m and
the stiffness k, which are jointly studied by investigating the effect of the vibration frequency
of the single dof system appended to the circular ABH, and defined as f = 1

2π

√
k/m.

Fig. 4 shows the numerical results obtained by focusing on the low-frequency range where
the improvement is awaited, while displaying the indicator IΩ for four different frequency
intervals. Figs. 4(a-b) reports the improvement obtained by modifying the frequency of the
impactor f when the indicator is centered around the first and the third eigenfrequency f1
and f3. Since these peaks are the most prominent ones, see Fig. 3, it is logical to focus
on the gains that can be awaited thanks to the reduction of these two. In each case, the
frequency interval is defined by selecting a frequency band of width 0.2fi in the vicinity of
the considered frequency. For example, If1 is computed over the interval [0.9f1, 1.1f1] Hz.
Note that, in each case, the system is forced with a [5, 500]Hz white noise excitation at one of
the corners (i.e. located at xF=xa), and three different amplitudes are tested: 2N, 20N and
50N. Finally, Figs. 4(c-d) reports the results obtained when considering the frequency range
of the excitation [5, 500]Hz for the indicator, and the high-frequency range [500, 5000]Hz.

Figs. 4(a-b) reveal a strong dependence of the efficiency with respect to f , and highlights
that the best improvement in terms of increased damping is obtained when the impactor’s
frequency is set at 100Hz for controlling mode 1 (with a maximum gain of almost 6dB with
respect to the linear case without contact) and at 240Hz for mode 3. The value of 6dB is
a bit less than the value reported in Fig. 3 (a maximum reduction of 10dB at mode 1 with
f = 100 Hz), because the indicator here is computed on an interval instead of focusing on the
maximum only. Nevertheless, the behaviour of the indicators reported in Figs. 4(a-b) clearly
shows that it is sensitive to f and there is a clear minimum that can be reached. Outside
the region of the minimum, the gain is marginal. Interestingly, the minimum is obtained in
each case for a value which is slightly larger than fj/2, where fj refers to the eigenfrequency
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of mode j, as ascertained by the red dotted lines in Figs. 4(a-b). For mode 1, the minimum
is obtained for a value that is 20% larger than f1/2, while for mode 2 it is 33%.

The main conclusion is that the tuning of the impactor’s frequency is of prime importance
in order to achieve vibration mitigation of the modes that are below the cut-on frequency.
Note that to our knowledge, there are no theoretical explanations for this minimum value. A
similar pattern and a demonstrated rule exist for the case of Nonlinear Energy Sink (NES)
and vibro-impact dampers, see e.g. in [64–67], where the optimal damping is shown to be
for two impacts per periods. Nevertheless, the case considered here is slightly different and
needs further study to elaborate a proof. Fig. 4(c) highlights two minima when reporting
the indicator on the low-frequency band [0,500]Hz, underlining that most of the vibrational
energy is contained within modes 1 and 3. In the same line, it is observed in Fig.4(d)
that the values for which the energy is most efficiently transferred to the high-frequencies,
correspond to the minima found in the low-frequency range. As a last remark, it is clearly
observed that the obtained results are not sensitive to the amplitudes tested, which however
corresponds to a comfortable range from small to large excitations. Of course, a lower limit
to the amplitudes exists, when the impacts are not triggered, but this lower value was not
considered in this figure.

Now that the most important parameter (eigenfrequency of the added impact oscillator)
has been studied, let us consider the other meaningful parameters, starting with the initial
gap g. Fig. 5 summarizes the obtained results by focusing on the behaviour of two indi-
cators, namely If1 and I[0, 500], when the gap g is varied, and for the three amplitudes of
forcing already tested: 2N, 20N and 50N. The forcing signal is still set as a low-frequency
band-limited noise in the range [5, 500] Hz. The general behaviour of the indicator shows
that for large values of the gap g there is obviously no gain in vibration reduction. Hence the
curve tends to a constant value at 0dB for large gaps. When the gap decreases, the contact
nonlinearity comes into play and there is a sharp transition to an efficient gain in the overall
damping of the device. This transition occurs sooner for larger amplitudes of external exci-
tation. Note that those curves have been obtained for a tuning of the eigenfrequency of the
impact oscillator at f = 100 Hz. The obtained results are logical and underline the added
effect brought by the vibro-impact to the absorber. It is thus recommended for practical
application to set a vanishing gap for better efficiency.

Let us now consider separately the mass m of the absorber in order to question the ef-
ficacy of the device as a function of its total weight, since the mass of a vibration absorber
is a key feature. Moreover, two different cases are here analyzed by considering either a
single added impact oscillators, or three of them. Note that for each configuration, the
eigenfrequency of the oscillator is kept constant at 100 Hz by adjusting simultaneously the
stiffness k; in order to target the best efficiency of the device in passively controlling the first
eigenmode of the structure. Fig. 6 shows the numerical results obtained, again for the two
most meaningful indicators If1 for the local performance around mode 1 in Fig. 6(a), and the
overall performance I[0, 500] in Fig. 6(b). The results clearly underline that an increasing total
mass generally leads to a better vibration reduction performance, which is an awaited result.
Note however that lightweight vibration absorbers are generally desirable meaning that a
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Fig. 4. Indicators If as a function of the oscillation frequency of the vibro-impactor. Results
obtained under a white noise excitation centered in the low-frequency range [0, 500] Hz, and
for three different amplitudes: 2N, 10N and 50N. (a) Indicator centered around the fundamental
eigenfrequency of the system. (b) Indicator centered around mode 3. (c) Low-frequency range
indicator. (d) High-frequency range indicator.

compromise must be found here. Comparing now the effect brought about by considering
three added oscillators instead of a single one (with the same mass either concentrated in
a single oscillator or distributed among the three), it is observed that the effect is small for
the local performance quantified by If1 . On the other hand, the triple-mass configuration
clearly outperforms the single-mass configuration when considering the overall low-frequency
performance quantified by I[0, 500]. This effect is attributed to the more complex dynamics
exhibited by the triple-mass configuration which in general leads to better energy transfer
to the high-frequency range. As a conclusion, the results show that using multiple impact-
ing devices is generally favourable and can provide better performance for multiple mode
vibration reduction of the plates.

In order to further investigate the increase of performance brought about by considering
three added vibro-impact oscillators, Fig. 7 summarizes the results obtained for 5 different
configurations. Each configuration is described by a triplet of integer, where ’111’ means

13



10
-3

10
-2

10
-1

10
0

10
1

Gap (mm)

-7

-6

-5

-4

-3

-2

-1

0

1

I f 1

 (
d

B
)

(a)

2 N 20 N 50 N

10
-3

10
-2

10
-1

10
0

10
1

Gap (mm)

-4

-3

-2

-1

0

1

I [5
, 

5
0

0
] (

d
B

)

(b)

Fig. 5. Variations of two indicators as a function of the initial gap g. (a) If1 underlining the gain
in efficacy around the fundamental mode, (b) low-frequency efficacy: I[0, 500]. Other parameters of
the vibro-impact oscillator have been set to m=10 g, k=4000 N/m, resulting in a eigenfrequency
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Fig. 6. Performance of the VI-ABH absorber as function of the impactor’s mass. Blue solid curves:
case with single mass configuration, red dash-dotted curves: case with triple mass configuration.
(a) Variation of indicator If1 , (b) variation of indicator I[0, 500]. The stiffness k is varied accordingly
to the mass m such that the eigenfrequency of the impacting system is kept constant at f=100 Hz.

for example that the three oscillators have been set to control mode 1 following the rule
on the eigenfrequency found before, while ’333’ means that the three are tuned to control
mode 3, and ’113’ means two oscillators optimized for mode 1 and 1 oscillator tuned to
control mode 3. Fig. 7(a) shows the behaviour of four indicators: three local performance
indicators on the targeted modes If1 , If2 , If3 , and one global low-frequency performance
indicator I[0, 500]. Figs. 7(b-d) shows the velocity spectrum for three of the 5 configurations
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tested (’111’, ’333’ and ’113’), in order to better assess the performances. Note that other
configurations (e.g. ’112’ with two oscillators on mode 1 and one impactor on mode 2)
have also been tested but are not reported in the figure since providing results that are
not better. As awaited, configurations centered on a single mode, namely ’111’, ’222, and
’333’, are the best configurations for the corresponding local performance indicator If1 , If2
and If3 . However the most meaningful being the global low-frequency indicator I[0, 500], one
can see that three configurations give with very good results, ’111’, ’113’ and ’123’. This
result underlines that it should be generally favourable to consider different tunings for the
different added impact oscillators, in order to gain better control of the different modes that
are below the cut-on frequency. In our configuration, mode 1 has the most prominent peak
in the low-frequency range and needs to have special care, but of course, the conclusions
drawn here should change for different primary structures, the general idea being to control
the most important modes with targeted vibro-impact oscillators.

To summarize the numerical results, the introduction of the vibro-impact oscillator allows
effective transfer of energy, which in turn reduces the low-frequency peaks of the primary
structure. The peak reduction performance at a given mode is mainly related to the stiffness
and mass of the impactor. The tuning of the optimal frequency has been found to be
slightly larger than half the eigenfrequency of the mode to be controlled. Increasing the
mass improves the vibration mitigation performance, but comes in opposition to the target
of having a lightweight vibration absorber, such that a compromise must be found. The
gap is recommended to be as small as possible. Finally, using multiple absorbers allows
improving the performance by controlling more modes in the low-frequency range.

3. Experimental demonstration

3.1. Setup and signal processing

The setup of the experimental system is presented in Fig. 8. The primary structure is a
rectangular honeycomb plate made of aluminium with dimension 800 mm × 600 mm × 20
mm, i.e. it has the same size as compared to the previous numerical investigation given in
Tab. 1. It is hanged over a rigid frame so that its boundary conditions can be represented
by free-free conditions. The VI-ABH absorber is attached to a corner of the host plate.
One or two impactors can be used (see pictures in Fig. 8(b-c)). In order to thoroughly
study the efficiency of the absorber, two types of excitation are considered. The first is a
broadband white noise excitation performed with a shaker mounted on the plate, as shown
in Fig. 8(d). The second one is a shock excitation generated by using a marble pendulum
shown in Fig. 8(e). The pendulum is systematically released from the same position, which
guarantees the repeatability of the shock conditions. The two types of excitation are applied
to the point where the VI-ABH is fixed, as shown in Fig. 8(d-e). The VI-ABH thus absorbs
the vibrations entering the plate by this single input point. Force and acceleration at the
excitation point are measured by an impedance head (PCB 288D01). A vibrometer (Polytech
PSV-500) is used to measure the velocity signals at any point of the panel or VI-ABH.

In the tested system, the mass of the ABH absorber is about 3% of the total mass of
the host panel, which is still small. The modal damping of the host panel without the ABH
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Fig. 7. Behaviour of the VI-ABH absorber with three added impact masses tuned differently in
order to control multiple vibration modes in the low-frequency range. Five tested configurations:
’111’ for all three masses targeted to mode 1, ’222’ for all three masses targeted to mode 2, ’333’ for
all three masses targeted to mode 3, ’113’ for two masses targeted to mode 1 and 1 mass targeted to
mode 3, and ’123’ for each mass targeted to each mode. (b,c,d) Velocity spectrum recorded at point
xF = xa for three specific configurations: (b) ’111’, (c) ’333’ and (d) ’113’. Other parameters have
been set as: total mass 30g with 10g each and stiffness tuned to fit the targeting eigenfrequency,
i.e. 100Hz for mode 1, 180Hz for mode 2, and 240Hz for mode 3.

absorber is measured and varies from 0.1 to 2%, with an average value of 0.66% in the
frequency range [0, 5000] Hz. The mobilities of the panel and the ABH are shown in Fig. 9
when these two structures are isolated, i.e. decoupled from each other. In order to guarantee
a strong coupling between these two structures, it is necessary to carry out an impedance
matching and thus to make sure that the mobilities have the same orders of magnitude. As
these mobilities vary with frequency, this condition is achieved on average over the frequency
range of interest. The fact that these two mobilities are of the same order of magnitude is
an important dimensioning rule for guaranteeing appropriate coupling between the ABH
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Fig. 8. (a) Experimental setup of the system showing the primary structure (hanged honeycomb
panel); (b) close-up view of the VI-ABH with 1 VI; (c) ABH with 2 VIs; (d) Close-up view of the
electrodynamic shaker for broadband excitation; (e) Marble pendulum for impact excitation.

attenuator and the panel.
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Fig. 9. Comparison of input mobilities between the host panel and the ABH attenuator. The
measured input mobility of the panel alone, i.e without any coupling with the ABH is plotted in
black. The mobility of the ABH attenuator without coating (naked ABH alone, i.e. uncoupled
from the panel) is plotted in grey. In the presence of a coating, the mobility of the ABH attenuator
(alone) is shown in red and is smoothed as compared to one of the naked ABH.
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3.2. Performances in forced vibrations

The ability of the device to damp vibrations is first evaluated in a forced regime. The per-
formance is estimated using the ratio between the velocity spectrum and the force spectrum
at the excitation point. The modulus of this ratio corresponds to the modulus of the mo-
bility of the structure when linear vibrations are assumed. In the presence of non-linearities
induced by vibro-impacts, the indicator no longer corresponds to the modulus of a transfer
function but allows evaluation of the performance of the attenuator. By abuse of language
and convenience, this indicator will also be called mobility.

Figure 10 (a) and (b) shows the mobility of the system in 3 different configurations: the
mobility of the panel alone (blue curve) reveals the presence of many resonant peaks over a
wide range of frequencies. The coupling of the panel with a linear ABH, introduces an added
dissipative mechanism (orange curve in Fig. 10(a)), which results in some smoothing of the
resonance peaks in the high-frequency range (above 1kHz). This effect is the one classically
expected for linear ABH. We also observe in Fig. 10(a) that the mobility of the panel/ABH
coupled system is also decreased on average, especially in the high-frequency range, which
is the consequence of an increase in the mass of the system.

The third case shown is that of a VI-ABH absorber with two impact masses that are
respectively tuned in order to control mode 1 and mode 2. Following the design rules found
in the numerical study, the eigenfrequencies of the impactor systems have thus been set at
half the eigenfrequencies of modes 1 and 2, respectively. This configuration is denoted as
’ABH+2VI@f1+f2’ in the figure. Note that for the sake of simplicity, the tuning has been
set experimentally to half the eigenfrequency in order to avoid repetitive experiments for
finding the optimal value, which was found numerically at a value slightly larger than f/2.
Nevertheless, the robustness of this fine-tuning is illustrated after, see Fig. 12.

Fig. 10(a-b) shows that the mobility peaks of the VIs@f1+f2 system (green curve) are
severely reduced as compared to the case without impacts, underlining the important gain
brought about by this added device and the introduction of an important, nonsmooth non-
linearity. This demonstrates experimentally the efficacy of the energy transfer to the high-
frequency range induced by the impacts and the efficacy of the vibration damping at high
frequencies induced by the ABH effect. Fig. 10(b) highlights the important gains obtained
in the low-frequency range, where the effect of the impacts is to severely reduce the resonant
peaks. Interestingly, even though the VIs have been tuned in order to control modes 1 and
2, a very efficient control of mode 3 is observed with a very important decrease of the peak
by about 12dB for mode 3. On the other hand, the decrease for mode 2 is less important,
underlining that a better tuning might be found. Nevertheless, the two prominent peaks
corresponding to modes 1 and 3 have been severely decreased, showing the efficacy and
versatility of the system that is able to control different peaks in the low-frequency range.

Fig. 11 shows a summary of the performances of all the tested configurations, including
the one illustrated in Fig. 10, and other configurations such as ’ABH+1VI@f1’ (single impact
mass tuned at half the eigenfrequency of mode 1) and ’ABH+2VI@f1’ (two impact masses,
both tuned in order to control mode 1 so having exactly the same design, in order to study
the cumulative effects of more impacting masses). Also, both the naked ABH (without
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Fig. 10. (a) Input mobility of panel with ABH attenuator and vibro-impactors; (b) Zoom on
mobility of first 3 resonances.

coated layers) and ABH configuration (with viscoelastic layers) are considered in order to
highlight the gain that can be awaited by considering the impacting system embedded in
the absorber. The attenuation indicators are calculated from experimental data on narrow
frequency intervals [0.9fi, 1.1fi] or on broad frequency bands [10-500]Hz, [500-5000]Hz, [10-
5000]Hz, following the calculation used in the numerical study, see Eq. (10).
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Fig. 11. Attenuation indicators for some tested configurations. The indicators at resonance fre-
quency fi are calculated on the interval [0.9fi, 1.1fi].

The results show that the VI-ABH systems always give rise to better attenuation than
the linear naked or coated ABH. It clearly demonstrates the relevance of considering vibro-
impacts. The effect of the tuning of the vibro-impactor is clearly visible: for example, the
attenuation around the frequency f1 (indicator If1) is significantly larger for ABH+2VIs@f1
than for the linear ABH. The same is observed around mode 3 where an important gain
is observed by considering either 2 VIs tuned at f1/2, or two VIs respectively tuned at
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f1/2 and f2/2, following the discussion reported for Fig. 10. On the other hand, such an
improvement of vibro-impact is currently not observable for mode 2 due to the fact that in
the current set-up, the VI-ABH is located close to the node of mode 2, thus not efficiently
coupled to the second mode of the primary structure. Other locations of the absorber should
be reconsidered in order to gain better efficacy on mode 2. Nevertheless, since mode 2 is
less energetic, the results show that very efficient control of the dominant modes can be
obtained, with the good surprise that a non-targeted mode by design can be shown to be
effectively controlled in the experiment, showing the versatility of the absorber. Focusing
on the indicator I[10,500] which gives the most important information on the low-frequency
control, and on I[10,5000] which highlights the broadband efficacy, it is observed that the two
configurations with two VIs give the best results with important gains around 9dB.

In order to evaluate more properly the sensitivity of the device with respect to the design
rules and the selection of the frequency of the impactor system, an experimental study has
been conducted by considering 4 different tunings. The results are reported in Fig. 12.
The first case is a tuning following the rule of half the frequency of the targeted mode. In
this study, we focus on the first mode and the configuration where the impactor is exactly
tuned at f1/2 is denoted as ’1VI@f1’ in Fig. 12. Three other configurations are tested where
this half frequency has been decreased by 7 Hz, and increased by respectively 3 Hz and
18 Hz. They are respectively denoted as ’1VI@f1-7Hz’, ’1VI@f1+3Hz’ and ’1VI@f1+18Hz’.
Fig. 12(a) shows the measured mobility in the frequency band of interest relative to the
tuning of the impactor, highlighting how the four different tested cases are either exactly
tuned at f1/2, or slightly detuned.

The efficacy is assessed by the indicators reported in Fig. 12(b). The tuned case ’1VI@f1’
is common to results reported in Fig. 11. The three detuned cases clearly underline that
better efficacy can be obtained. In particular, the best case scenario for locally controlling
mode 1 and quantified by If1 is that of the largest positive detuning. This result is in line
with the numerical one reported in Fig. 4, which already underlined that the best tuning
is obtained for a frequency that is slightly above f1/2. Focusing on the indicator I[10,500]
which accounts for the gains in the low-frequency range, one can observe again that a better
attenuation is obtained with a case detuned to positive frequency. The gain is moderate also
underlining the robustness of the device to frequency detuning. As a remark, the interested
reader is also referred to the existing literature on vibro-impact NES where the variations of
the performances have also been deeply investigated, see e.g. [68, 69] for recent experimental
reports, and [10, 13, 64–67] for numerical, analytical and experimental studies.

3.3. Performances with shock excitation

The capability of the system to absorb the vibrations resulting from a shock is an impor-
tant characteristic; one can even consider that the design of the absorber was conceived for
this type of excitation. Three cases are considered: first, the panel alone is hit by the marble
pendulum and its acceleration is recorded. Then the same experiment is repeated for the
panel with the ABH mounted, and finally with the VI-ABH absorber, in the configuration
where two impacting masses have been added, tuned respectively at half the frequency of
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Fig. 12. Robustness to tuning accuracy of vibro-impactors. (a) Free mobility of vibro-impactors
compared with the host panel mobility. The black dashed line represents the target tuning frequency
of f1/2 = 81 Hz. (b) Attenuation indicators for each tuning. The indicators at fi are calculated on
the interval [0.9fi, 1.1fi].

mode 1 and mode 2 (and thus denoted as ABH+2VIs@f1+f2). Fig. 13(a) shows the recorded
accelerations in time, while their spectrograms are shown in Fig. 13(b,c,d). From the tempo-
ral acceleration, the gain is obvious with an impressive decrease of the maximum acceleration
(divided by a factor 3) at the first impact, underlining the ability of the absorbers to rapidly
dampen out the vibrations on very short time scales. The VI-ABH shows a slightly better
control than the ABH alone for mitigating the first temporal peak. This is also evidenced
in the spectrograms, which highlight how the VI-ABH more effectively controls the first two
peaks by redistributing the energy all along the spectrum.

To provide a more quantitative analysis, an energy decay indicator is introduced as

Eσ (τ) =

∫ Tf

τ
V 2 dt∫ Tf

0
V 2 dt

, ∀ τ ∈ [0, Tf ], (11)

where V is the measured velocity of the panel at the point xF . The energy decay Eσ is the
ratio between the energy of the signal computed between the current time τ and the end
of the signal window divided by the total energy of the signal. For τ = 0, Eσ = 1, and
the decrease of Eσ(τ) allows comparing the fastness of energy absorption in each measured
configuration.

Fig. 14 compares the energy decay for the cases with or without vibro-impact, it is
clearly observed that with the presence of vibro-impact nonlinearities, the energy decay can
be much faster as compared to the linear cases without vibro-impacts. More precisely, the
energy decay time to 1% reduces from almost 0.8 s to less than 0.4 s.

Fig. 15 shows how the different strategies for defining the device compare on the indicator
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Fig. 13. (a) Acceleration time signals for three cases under study: panel alone (blue), panel+ABH
(brown) and panel + VI-ABH with two added impact masses tuned at half the frequencies of mode
1 and mode 2. (b-d) Spectrograms of the acceleration signals shown in (a). (b) panel alone, (c)
panel + ABH, (d) panel + VIABH.
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Fig. 14. Energy decay time for all the tested configurations.

SRS (Shock Response Spectrum), which is broadly used in the aerospace industry in order
to evaluate the potential damage for the primary structure under transient shocks. Referring
to [70–72], the SRS is defined as the maximal absolute acceleration response (in time) of a
hypothetical single-degree-of-freedom oscillator, when it is forced at its base by the transient
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acceleration input under analysis. It shows graphically how an oscillator would respond in
time (in terms of peak acceleration) to the shock under study. To draw such a SRS curve,
a fixed value for the quality factor Q = 1/2ξ of the oscillator is set (in the present case,
ξ = 0.05). The base signal taken as input to force the oscillator is the acceleration ẍ(t)
recorded at the corner point of the panel in the Marble pendulum experiment shown in
Fig. 8. Then as a final stage, the response acceleration ÿ(t) of the oscillator for varying
values of its eigenfrequency f is computed, and the peak acceleration in time is recorded
giving rise to a point at frequency f in Fig. 15. The calculation is repeated for each frequency
f covering the range of interest.

Observing the result of this analysis reported in Fig. 15, it is seen that in the high-
frequency range, all the curves with absorbers are well below the one of the naked panel,
showing the efficiency of the ABH devices. This is due to the common advantage of linear
ABH and VI-ABH in high frequencies. Moreover, in the low-frequency range around 160Hz
(corresponding to the first eigenmode of the panel), it can be further observed that the
peaks show an increased reduction for all the nonlinear cases (ABH+1VI@f1,ABH+2VI@f1,
ABH+2VI@f1+f2), as compared to the other linear cases, meaning that the damage potential
of the panel is well controlled. A comparison of the SRS for all the devices shows the ability
of the ABH+2VI@f1 (purple curve) and the ABH+2VI@f1+f2 (green curve) to reduce the
peak acceleration in the low-frequency range.
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Fig. 15. Shock response spectrum (SRS) for different configurations of absorbers attached to the
primary structure. A zoom on the first panel resonances at 160Hz is shown and demonstrates
the advantages of the ABH+2VI@f1 (purple curve) and the ABH+2VI@f1+f2 (green curve) in the
low-frequency range.
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4. Conclusion

In this contribution, a novel broadband vibration absorber combining the acoustic black
hole effect with vibro-impact nonlinearity is proposed. It is designed as a separate device
that can be set to a primary structure in order to dampen its vibration, in the spirit of a
classical tuned vibration absorber and in contrast to general implementations of the ABH
effect that are embedded in the system. Comprehensive numerical and experimental analysis
is hence conducted, in order to evaluate the vibration damping performance of the proposed
absorber. A special emphasis has been put on low-frequency shock vibration absorption.

It is found that by taking advantage of the vibro-impact nonlinearity, the proposed VI-
ABH absorber can effectively transfer the low-frequency energy to high frequency, and hence
can be effective in a broadband manner including the low-frequency, that is commonly not
able in a traditional ABH. In order to have optimal vibration suppression performance, the
VI-ABH key design rule is in the tuning of the stiffness and gap of the associated mass.
The eigenfrequency of the impact mass should be slightly above half the frequency of the
targeted mode, and the gap needs to be selected as small as possible. By using multiple
impact masses, each of them tuned to different targeted frequencies, an effective suppression
for multi-mode vibrations in the low-frequency range can be achieved.

The results regarding the shock response spectrum and energy decay clearly underline
that the proposed absorber performs excellently for controlling shock vibrations.
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